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The system loss factor of sandwich panels with different configurations of constrained layer damping treatments is

estimated both experimentally and analytically using the power input/injection method over a broad frequency

range. Results of the experimental power inputmethod are comparedwith results from other experimentalmethods.

Anewanalytical power inputmethod is proposed for evaluating the loss factor of built-up structures, based onafinite

element model with assigned properties of the constituents. The new analytical power input method is evaluated by

comparison with the commonly used modal strain energy method. Instead of making an approximate correction of

the constant material properties, this analytical power input method directly takes into account the frequency-

dependent material properties of the viscoelastic material, using the MSC/NASTRAN direct frequency-response

solution. Results of experimental and analytical methods are presented, compared, and discussed. It is shown that all

three currently available experimental methods yield consistent results and that both the analytical power input

method and the modal strain energy method yield results consistent with the experimental power input method.

Nomenclature

ED = energy dissipated per cycle during period T (real)
EK = kinetic energy (real)
E�r� = total strain energy of the natural mode r (real)
E�r�
i = strain energy in material i when the structure

deforms at the natural mode r (real)
ES = strain energy (real)
ETot = total mechanical (reversible/vibrational) energy

(real)
Ff�t� = force at the driving point (complex)
Ff�!� = Fourier transform of Ff�t� (complex)
fr = rth modal frequency calculated with the core shear

modulus as G2;ref (real)
G1, G3 = shear modulus of the elastic layers (real)
G2�f� = real part of the shear modulus of the viscoelastic

layer (real)
G0

2�f� = imaginary part of the shear modulus of the
viscoelastic layer (real)

G2;ref = real part of the shear modulus of the viscoelastic
layer used in normal modes calculation (real)

g = overall structural damping (real)
gref = reference element damping (real)
mi = mass of portion i (real)
PD = dissipated power, PD � �1=T� � ED � �!=�2 � ��� �

ED (real)
PI = input power (real)
RFfVf

�0� = cross correlation between the driving point force
and velocity (real)

RViVi
�0� = autocorrelation of the velocity at point i (real)

SFfFf
�!� = power spectrum density of the driving point force

(real)

SFfVf
�!� = cross power spectrum density between the driving

point force and velocity (real)
SViVi

�!� = power spectrum density of the velocity at point i
(real)

TI�f� = tabular function representing the imaginary part of
the complex moduli (real)

TR�f� = tabular function representing the real part of the
complex moduli (real)

Vf�t� = velocity at the driving point (complex)
Yff�!� = mobility (velocity/force) of the driving point (real)
Yif�!� = mobility (velocity/force) between the driving point

f and the point i (complex)
�! = bandwidth (real)
� = system loss factor (real)
�i = material loss factor for material i (real)
��r� = system’s modal loss factor at the rth mode by the

modal strain energy method (real)
��r�

0
= system’s adjusted modal loss factor for the rth

mode by the modal strain energy method (real)
�vem = material loss factor for the viscoelastic material

(real)
� = density (real)
! = circular frequency (real)
!C = center frequency of the frequency band �!1; !2�

(real)
!1 = lower limit of the frequency band (real)
!2 = upper limit of the frequency band (real)

= time average

I. Introduction

I N structural design and/or optimization, knowledge about
damping is essential. However, due to the complexity of the

dynamic interaction of system components, the determination of
damping has been a developing science in both experimental and
analytical senses. Loss factor is widely accepted as one of the major
damping indices and is discussed in this research. It is defined as the
energy dissipated per radian, normalized by the total mechanical
energy.

A. Experimental Methods

Currently used experimental methods to determine damping can
be broadly classified into three groups [1–4]:

1) Time-domain free-decay methods use the free transient
response of the structure caused by either impulsive excitation or
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interrupted steady-state excitation. Damping is obtained from the
response-time history. The free-decay method is best suited for
lightly damped (� � 0:01) structures (if a directly attached excitation
is used) in the low (f � 1000) and middle (1000 � f � 3000)
frequency range.

2) Frequency-domain modal curve-fitting methods determine loss
factors at each individual natural mode, using frequency-response
function (FRF) data measured from the steady-state response. All
modal techniques attempt to match measured data with an analytical
model, often by curve-fitting.Modal analysis is best suited for lightly
damped structures at low frequencies.

3) The concept of using the power input method to measure
structural loss appeared in the late 1970s. However, due to the
limitation on the power input method measurement instrumentation
and computational capability, it is still being developed. The power
inputmethod is notmentioned in the general surveys byCremer et al.
[5], Chu andWang [6], and Soovere andDrake [7], but it is gradually
drawing more attention [2,3,8–10]. Recently, the power input
method appears as an alternative method in the general survey by
Cremer et al. [11]. Though understanding of the experimental
procedure is still developing, the power input method proved to have
advantages over the other two methods, because it works at high-
frequency ranges (f � 3000 Hz) and at high damping levels
(� � 0:1).

B. Analytical Methods

There has been a need for analytical damping estimation, as shown
in the statement by Zhu et al. [12] that “because of the complexity of
structural configurations, different materials, interface conditions,
joints, etc., damping is usually determined by experiments.” When
computational capability was limited, closed-form solutions were
developed. The usual approach is to start from partial differential
equations (PDEs) of motion. The first extensive discussion of
damped sandwich beams was given by Ross et al. [13], which was
based on a fourth-order partial differential equation. Their solution
gave loss factors for infinite-length beams or finite beams with
simply supported boundary conditions. DiTaranto [14] derived a
sixth-order partial differential equation to describe the motion of the
sandwich beam, enabling the analysis of finite-length beams with
boundary conditions other than being only simply supported. Mead
and Markus [15] refined the theory of DiTaranto by rederiving the
partial differential equation and then extended their theory to fixed–
fixed beams.

Finite element methods enable the analysis of complex structures
as a result of enhanced computational capability. Carne [16]
developed a two-dimensional damped beam model using MSC/
NASTRAN. Though the shear storage modulus and loss factor of
viscoelastic materials are frequency-dependent, they were treated as
constants. Johnson et al. [17] proposed the modal strain energy
method and developed a three-dimensional plate model using MSC/
NASTRAN. The material properties of the middle-damping layer
were all treated as real and constant so that a standard normal-modes
analysis suffices, followed by an empirical correction to take into
account the frequency-dependent material properties. The modal
strain energymethod is currently widely accepted, and so it is used in
this research for the purpose of comparison.

To model the frequency dependency of viscoelastic material
properties, several other finite element methods have appeared:
namely, the Golla–Hughes–McTavish method [18], the augmenting
thermodynamic fields (ATF) method [19], and the anelastic
displacement field (ADF) method [20]. These methods augment the
usual constant finite element model by introducing internal
dissipation coordinates. The results of these augmented finite
element methods are concluded to be more accurate than the modal
strain energy. However, the additional dissipation coordinates
prevent these finite element methods from using commercially
available software, which makes them less likely to be used in
design.

Current needs in the experimental and analytical estimation of loss
factors include 1) a deeper understanding of the experimental

procedures of the power input method; 2) application of the power
input method to investigate nonuniformly damped structures (e.g.,
partially covered panels); 3) damping estimation in an extended
frequency range (up to 5000 Hz) to meet emerging needs of the
transportation industries [21]; 4) an analytical method that canmodel
the frequency dependency of viscoelastic material properties in
constrained layer damping and, at the same time, use commercially
available finite element software; and 5) comparison of experimental
and analytical estimation of loss factors.

II. Experimental Study

A. Experimental Power Input Method

The concept of the power input method to measure the loss factor
is based directly on the equation that defines this quantity [8,22,23]:

�� PD

! � ETot

� ED

2 � � � ETot

(1)

In a practical measurement, the following conditions exist:
1) The dissipated power is usually converted into heat, which

cannot be easily measured. For a steady-state vibration, the
dissipated power of the system equals the input power from the
excitation. If the structure is driven at a single point, the input power
can be estimated from the time-averaged product of the force at the
driving point and the velocity at the driving point: PD�
PI � Ff�t� � Vf�t�.

2) The total mechanical energy cannot usually be easily measured
either, and so it is replaced with twice the kinetic energy: ETot�
2 � EK � R

v � � V2�t� dv.
The loss factor expressed in time-averaged terms now becomes

�� Ff�t� � Vf�t�
! � Rv � � V2�t� dv

(2)

Specifically, the input power is

Ff�t� � Vf�t� � RFfVf
�0� �

Z 1

0

Re�SFfVf
�!�� d!

�
Z 1

0

Re�Yff�!�� � SFfFf
�!� d! (3)

and the strain energy isZ
v

� � V2�t� dv�
Z
v

� � RViVi
�0� dv�

Z
v

� �
Z 1

0

SViVi
�!� d! dv

(4)

But practically, the kinetic energy can only be represented by a finite
number of measurements N, representing the response over the
whole structure:

ETot 	
XN
i�1

mi �
Z 1

0

SViVi
�!� d!

Moreover, the preceding equation is obtained by assuming that the
excitation frequency varies from zero to infinity; but in reality, the
excitation frequency can only vary in a frequency-band �!1; !2�.
Thus, a frequency-band averaged loss factor is defined as

��!C;�!� �
R
!2
!1

Re�Yff�!�� � SFfFf
�!� d!P

N
i�1 mi �

R
!2
!1

! � SViVi
�!� d! (5)

By the mean value theorem for integrals, Eq. (5) can be rewritten as

��!C;�!� � �!2 
 !1� � Re�Yff�!0�� � SFfFf
�!0�P

N
i�1 mi�!2 
 !1� � !0

i � SViVi
�!0

i�
(6)

where !0 and !0
i are frequencies in �!1; !2�. After simplification,

Eq. (6) becomes
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��!C;�!� � Re�Yff�!0�� � SFfFf
�!0�P

N
i�1 mi � !0

i � SViVi
�!0

i�
(7)

When !1; !2 ! !C (i.e., �! ! 0),

lim
�!!0

��!C;�!� � Re�Yff�!C�� � SFfFf
�!C�P

N
i�1 mi � !C � SViVi

�!C�
(8)

that is,

��!� � Re�Yff�!�� � SFfFf
�!�P

N
i�1 mi � ! � SViVi

�!� (9)

For linear systems, SViVi
�!� � jYif�!�j2 � SFfFf

�!�, and so the loss

factor at a certain frequency becomes

��!� � Re�Yff�!��P
N
i�1 mi � ! � jYif�!�j2

(10)

which is the commonly used expression in the experimental power
input method. Each term in Eq. (10) can be measured directly using
conventional instruments.

B. Experimental Setup

Aluminum alloy plates are chosen as test articles to simulate
aerospace structures (especially, structural skin panels). The
damping material used here is viscoelastic-damping polymer 3M
Scotch very high bond (VHB) transfer tape F9469PC. Uniformly
(fully covered) and nonuniformly (partially covered) damped plates
are manufactured. To ensure good bonding between the viscoelastic
material and the base structure, surfaces are prepared before
attachment and a vacuum is drawn after attachment to apply a
pressure of about 1 � 105 Pa.

A shaker hung with bungee cords is used as the excitation,
applying pseudorandom loads to excite broadband response. Test
articles are suspended by a light and soft spring to simulate free
boundary conditions. The other end of the spring is attached to a
massive and stiff frame, so that vibrational energy is reflected back to
the test article with minimum energy loss at the boundary. Wolf [24]
provided a rule-of-thumb for designing suspension systems: to
simulate free boundary conditions, the first rigid body mode under

the constraint of the suspension should be no more than one-tenth of
the first elastic mode. In this research, the vertical translational mode,
which is observed to be the most dominant rigid body mode, of the
spring-hung plate is measured to be 1.43 Hz, which is much less than
one-tenth of the plate’sfirst bendingmode (84:7 Hz=10� 8:47 Hz).
The pendulummotion has an even lower frequency (0.75 Hz). Thus,
the suspension is assured to be harmless to the results. The response
is measured by a Polytec OFV 056 scanning laser vibrometer with a
built-in excitation signal generator. The experimental setup is shown
in Fig. 1. All tests are done at a room temperature of 25�C (worst case
variation: �1�C).

III. Analytical Study

A. Modeling Sandwich Structures with a Viscoelastic Core

Because of the fact that “the energy in the viscoelastic is almost
exclusively linked to shear deformation” [25], the viscoelastic core is
modeled as three-dimensional solid elements (HEX/PENT elements
in MSC/NASTRAN). Considering the ever-growing computational
capacity, the base layer and the constraining sheet are also modeled
as three-dimensional solid elements. To avoid shear locking, the
length/thickness ratio of solid elements is kept well below 5000 [26].
In this research, the worst case of the length/thickness ratio in the
finite element model is 30.85.

Both the shear modulus and the loss factor of the viscoelastic
material F9469PC are frequency-dependent, as shown in Fig. 2. But
publications in the literature on directly modeling the viscoelastic
material properties in constrained layer damping using commercially
available finite element software are rarely seen. Belknap [27]
pointed out that the complex frequency-dependent shear modulus
could be modeled using MSC/NASTRAN by inputting two tabular
functions. However, no analytical resultswere presented. Chang [28]
used the samemethod tomodel a single degree-of-freedom system to
find the resonant frequency. They both referred to the MSC/
NASTRAN application manual [29]. This method uses two tabular
functions to represent the real and imaginary components of the shear
modulus. The equations are

TR�f� � 1

gref

�
�
G2�f�
G2;ref


 1

�
(11)

Fig. 1 Experimental setup (lower left: laser vibrometer; lower right: test article with shaker attached).
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TI�f� � 1

gref

�
�
G0

2�f�
G2;ref


 g

�
(12)

B. Modal Strain Energy Method

In this research, the modal strain energy method is used for the
purpose of comparison with the new analytical power input method.
The modal strain energy method estimates loss factors of damped
structures using a “strain energy ratio” concept:

��r� �
XN
i�1

�i �
E�r�
i

E�r� (13)

To obtain the terms in Eq. (13), the material properties of the middle-
damping layer are treated as real and constant so that a standard
normal modes extraction is applicable. Then, a simple empirical
correction to take into account the frequency-dependent material
properties is given as [17,26]

��r�
0 � ��r�

���������������
G2�fr�
G2;ref

s
(14)

It is noted that the modal strain energy method tends to overestimate
loss factors [30,31]. The error increases with the loss factor of the
viscoelastic material and goes to zero as G2=G1 ! 0 [31]:

��

�
� ��r� 
 �

�

�
�
�2vem

�
G2

G1


G3

G2

�
G2

G1

�
2
����

1
 G2

G1


 G3

G2

�
G2

G1

�
2
�
(15)

In this research, this error is estimated by the material properties of
the viscoelastic material at 5000 Hz (�vem � 0:9 and G2�
9 � 106 Pa) and the material properties of the aluminum
(G1 �G3 � 7:45 � 1010 Pa). The error (2:36 � 10
8) turns out to
be harmless to the loss factor results in this research.

C. Analytical Power Input Method

The analytical power input method differs from the experimental
method in the way that the total mechanical energy is assessed. The
finite elementmethod can directly calculate the average strain energy
and kinetic energy. Therefore, instead of replacing the total
mechanical energy with twice the kinetic energy (as in the
experimental power input method), the strain energy and kinetic
energy are calculated directly in a frequency-response solution. The
total mechanical energy is obtained by the summation of the strain
energy (output request ESE) and the kinetic energy (output request
EKE).

The input power is represented by the input force and the velocity
response of the driving point. It takes an alternative form as [33,34]

PI � Ff�t� � Vf�t� � F2
f�t� � Re�Yff�!�� � 1

2
� jFf�!�j2 � Re�Yff�!��

(16)

The driving point mobility can be obtained in finite element
solutions. Therefore, with ETot and PI both determined, the loss
factor can be written as

��
1
2
� jFf�!�j2 � Re�Yff�!��

! � ETot�!�
�

1
2
� jFf�!�j2 � Re�Yff�!��
! � �EK�!� 
 ES�!��

(17)

Thus, as shown in Eq. (17), a new procedure of estimating loss
factors is formulated. Instead ofmaking an approximate correction of
the constant material properties (as in the modal strain energy
method), this analytical method directly takes into account the
frequency dependency of viscoelastic material properties in the
MSC/NASTRAN direct frequency-response solution, as previously
described in Sec. III.A. Examples of loss factor estimation for
various damping configurations are presented in later sections.

IV. Validation of the Analytical Power Input Method

To check the validity of the new analytical procedure, a test finite
element model is built and the loss factor is computed. A rectangular
plate under a point excitation at the center is given arbitrary
dimensions, modeled with QUAD elements, assigned with arbitrary
material properties, but with a constant loss factor of 0.1. The MSC/
NASTRAN frequency-response solution is computed to obtain the
mobility function at the driving point, the strain energy, and the
kinetic energy at each excitation frequency. Then Eq. (16) is applied

Fig. 2 Nomograph of 3M VHB F9469PC provided by the manufacturer.
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to estimate the loss factor. The results in Fig. 3 show that the new
analytical procedure can faithfully evaluate the damping character-
istics of the plate. Starting from this point, it is applied for further loss
factor estimation.

V. Examples of a Plate with a Nonuniform Constraint
Layer Damping Treatment

In this section, experimental and analytical studies on a plate with
a nonuniform constrained layer damping treatment are described and
discussed. The configuration of the sandwich plate is as shown in
Table 1. The partial damping treatment is placed in the central portion
of the plate, as shown in Fig. 4.

A. Comparison of Experimental Methods

Results from the experimental power input method are compared
with commonly used experimental methods, namely, the free-decay
method and the modal curve-fitting method. In the power input
method, the plate is divided into 989 portions to minimize the
discretization error (the description of the convergence study is
omitted, for the purpose of brevity). The driving point position is
placed outside of the damped region, as shown in Fig. 4b. Because
this plate has a nonuniform damping treatment, the mass mi in
Eq. (10) is not constant over the plate. In the free-decay method, a
speaker is used as the excitation. In the modal curve-fitting method,
STAR modal analysis software is used.

The comparison in Fig. 5 shows that all three experimental
methods yield consistent results, although the power input method
gives damping estimation over a broad frequency range, rather than
only at several discrete estimations that are basically in the low-
frequency range. There are several things to note:

1) The two spikes at 39.4 and 84.7Hz, respectively, are found to be
the first two resonances of the test article/shaker system.

2) The blip around 800 Hz is found to be a test artifact related to
stinger length [32].

3) At around 2900 Hz, negative loss factors with very small
magnitudes are observed (worst case: 
0:003). This is found to be a
test artifact that is due to the measurement error of the driving point

mobility. As can be seen from Eq. (10), the sign of loss factor is
totally determined by the real part of the driving point mobility. In a
real test, the laser vibrometer can only measure the front side of the
plate instead of the back side where the driving point really is. Thus,
if the phase lag between the two sides is greater than 90 deg, a
negative real part of the driving point mobility is measured (worst
case: 
28:4 � 10
6 m=�s � N�), which leads to a slightly negative
loss factor.

B. Comparison of Analytical Methods

In this section, the analytical power input method is compared
with the commonly used analytical method, namely, themodal strain
energy method. Results are shown in Fig. 6. It is observed that at
certain frequencies (e.g., 2118, 2913, and 4036 Hz), the modal strain
energymethod yields abnormally high or low loss factor estimations.
A closer look into the correspondingmode shapes reveals the reason.
As shown in Fig. 7a, at 2118 Hz, the mode shape involves large
displacement in the central damped region. As a result, the ratio of
strain energy stored in the viscoelastic material to the strain energy of
the whole plate is high, leading to high loss factor estimation in the
modal strain energy method. But because the excitation is placed at
the node line of thismode, the power inputmethod,which is based on
the frequency-response solution, skips this high loss factor. It is the
opposite at 2913 Hz: because the excitation is placed at the antinode
line of this mode, the power input method “catches” the low loss
factor. At 4036 Hz, a low loss factor is estimated by the modal strain
energymethod, but because the excitation is placed at the node line of
this mode, the power input method skips this low loss factor.

The preceding discussion explainswhy, under a certain excitation,
the loss factor result can be different from that predicted by themodal
strain energy method. It also demonstrates that a partially covered
plate can have very low loss factors in modes for which the strain
energy density in the covered region is low.

C. Comparison of the Experimental and Analytical Power Input

Methods

The results in Fig. 8 show that the experimental and analytical
power input methods yield consistent loss factor estimations below
3100 Hz, which adds further validation to these two methods. The
deviation above 3100 Hz is found to be related to the specimen/
excitation interaction for this specific experimental configuration:

1) The deviation above 3100 Hz is reduced when a more massive
specimen is used, as proved in a later section.

2) Change of stinger lengths returns different loss factor results
above 3100 Hz, as shown in Fig. 9.

3) The shaker reaches itsfirst major resonance at about 4500Hz, as
denoted in the shaker specification.

For experimental loss factor estimation in a high-frequency range,
it is recommended to use a specimen/shaker armature combination
that has aweight ratio above three (based on practice), a shakerwith a
higher resonance frequency, and a stinger with medium length
(3 cm � L � 6 cm).

0 1000 2000 3000 4000 5000

0

0.1

0.2

Lo
ss

fa
ct

or
Frequency, Hz

a) b)
Fig. 3 Validation of the analytical power input method: a) finite

element model of the plate with the excitation position illustrated and
b) calculated loss factor of the plate.

Table 1 Description of the plate with a nonuniform damping treatment

Material Dimensions, mm Weight, g

Base layer CLAD 2024-T3 349:0 � 202:9 � 1:60 311.2
Damping layer 3M F9469PC at 25�C 202:9 � 101:9 � 0:127 2.63
Constraining sheet CLAD 2024-T3 202:9 � 101:9 � 0:508 29.1

Table 2 Description of the plate with a uniform damping treatment

Material Dimensions, mm Weight, g

Base layer 5052-H34 347:0 � 201:0 � 3:06 572.1
Damping layer 3M F9469PC at 25�C 347:0 � 201:0 � 0:127 8.9
Constraining sheet CLAD 2024-T3 347:0 � 201:0 � 0:508 29.1
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VI. Examples of a Plate with a Uniform Constraint
Layer Damping Treatment

This sandwich plate is intentionally made more massive than the
plate, with a nonuniform damping treatment to suppress the
specimen/excitation interaction. The plate is described in Table 2 and
Fig. 10. The same data reduction procedure is used (as explained in
Sec. V).

The following conditions can be observed in Fig. 11:
1) The specimen/excitation interaction above 3100 Hz, as shown

in the previous partially covered plate, is effectively improved
because of the increased mass of this specimen.

2) The loss factor of this uniformly damped plate varies less
dramatically with frequency than does the loss factor of the
nonuniformly damped plate. This is due to the fact that the fully

Fig. 4 The plate with a nonuniform damping treatment: a) the plate as a test article with scanning points defined and b) the plate as a finite element

model with the excitation position illustrated.
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Experimental: Free Decay Method
Experimental: Modal Curve-fitting Method

Fig. 5 Loss factor results by different experimental methods.
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Fig. 6 Loss factor results by different analytical methods.

Fig. 7 Selected mode shapes of the plate with a nonuniform damping treatment: a) 2118 Hz, b) 2913 Hz, and c) 4036 Hz.
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Fig. 8 Loss factor results by the experimental and analytical power

input method.
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Fig. 9 Loss factor results obtained using different stinger lengths.
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covered plate cannot havemodes inwhich the strain energy density is
greatest in the uncovered portions.

3) The analytical and experimental power input methods give
satisfactory agreement, except where instrumental difficulties arise
at about 4750 Hz.

4) In the frequency range below 1000 Hz, the results are as
follows:

a) The experimental power input method and free-decay
method agree well at the limited number of frequencies at which
the free-decay method results suffice (efforts have been made to
obtain loss factors around the 500 Hz range using the free-decay
method, but no clean decay history was found).

b) The analytical power input method appears to give a more
consistent estimation with the experimental methods (the power
input method and free-decay method) than with the modal strain
energy method.

c) All four methods show the trend of diminishing loss factor as
the frequency decreases to the lowest mode, considering the fact
that, for the power input methods (both experimental and
analytical ones), certain modal density is needed to reduce the
estimation error [2]. In other words, the power input methods give
acceptable loss factor estimation only after the first resonance.

VII. Conclusions

In this research, results of experimental and analytical methods of
loss factor estimation are presented, compared, and discussed.Major
work includes the following:

1) A new analytical power input method is proposed, validated,
and applied for sandwich plates with various damping configura-
tions. Both the analytical power input method and the modal strain
energy method yield consistent results with the experimental power
input method. But the consistency appears to be subject to details of
the experimental configuration (e.g., shaker and stinger properties).

2) In frequency ranges for which other commonly used
experimental methods apply (below 3000 Hz), the experimental
power input method yields consistent results with those other
experimental methods.

3) The frequency dependency of the viscoelastic materials is
directly taken into account in the finite element model using MSC/
NASTRAN.

4) For the specific experimental configuration in this research,
instrumentation causes of difficulties in loss factor measurement in
the high-frequency range are identified and recommendations are
made.

Possible sources of the estimation error can be 1) specimen/
excitation interaction, as shown in Sec. V; 2) defects caused in the
specimen manufacturing process (e.g., debonding of the viscoelastic
materials and unsquareness of test specimens); 3) approximations in
the finite element modeling; 4) quality variation of the viscoelastic
materials; and 5) drift of the room temperature during the test
(�1�C).

To design a trustable experiment using the experimental power
input method, several things need to be noted:

1) The specimen should be divided into enough portions so that the
kinetic energy can be faithfully measured. In other words,
discretization error should be avoided.

2) A specimen/shaker armature combination should have aweight
ratio above three (based on practice). In other words, the shaker
should not be too big for the test articles, so that the shaker will not
dominate the vibration.

3) The shaker should have a higher resonance frequency than the
upper limit of the interested frequency range. In other words, as long
as the shaker is powerful enough to drive the specimen, a small
shaker is preferred.

4) Very short stinger lengths should be avoided.
To build a trustable finite element model so that the analytical

power input method can be used, two things need to be noted:
1) Discretization error should be avoided so that the total energy

can be faithfully calculated.
2) The length/thickness ratio of solid elements should be kept

below 50, to avoid shear locking.
For more complex and built-up structures, the analytical power

input method will not raise particular difficulties. But the
experimental method would require scanning surfaces individually
and rotating the specimen/shaker accordingly if the test article does
not have a simple two-dimensional shape (e.g., a T-shaped structure
or a cylinder). Then scans should be combined to obtain the total
kinetic energy. However, for an E-shaped structure, using the
scanning laser vibrometer to obtain loss factors will be impractical,
because it cannot really see the middle panel. Manually positioned
accelerometers may be used instead.
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